Ethanol as a renewable fuel has been used widely in vehicles. Dual fuel injection is one of the new techniques in development for increasing the engine's thermal efficiency and reducing the pollutant emissions. This study reports experimental investigation to the dual ethanol fuel injection with a focus on the effect of spark timing on the engine performance at different volumetric ratios of ethanol directly injected to ethanol port injected. Experiments were conducted on a single cylinder 250cc spark ignition engine at two engine loads and 3500 RPM. The spark timing was varied from 15 to 42 CAD bTDC at the light load and from 15 to 32 CAD bTDC at the medium load, while the volumetric ratio of direct injection (DI%) was varied from 0% to 100%. Experimental results showed that DI100%, the best indicated mean effective pressure (IMEP) and thermal efficiency occurred at around 30 CAD bTDC at the light load and 23 CAD bTDC at the medium load, which were the minimum spark advance for the best torque (MBT). At MBT spark timing, the IMEP at DI56% and light engine load was 8.28% greater than that at 15 CAD bTDC which was the original spark timing set by the manufacturer, and the combustion duration (CA10-90%) was 41.8% shorter. These results were attributed to the improved combustion phase associated with the increased combustion pressure and temperature when the spark timing was advanced. However, the indicated specific hydrocarbon and carbon monoxide emissions increased with advanced spark timing and increased DI ratio. These could be caused by local rich mixture formed by fuel impinged to the chamber walls and the ethanol's cooling effect associated with the direct injection. On the other hand, because of the charge cooling effect of DI, the indicated specific nitric oxide emission decreased with increased DI ratio. At MBT timing and light load, the indicated specific nitric oxide emission decreased by 37.53% at DI56% and 67.39% at DI100% compared to port injection only.
Introduction
The automobiles have become one of the biggest sources of pollutions to the atmosphere. Pollutants generated by automobiles have caused serious health problems and aggravate the global warming. It was reported that the transportation was responsible for about 25 percent of the produced greenhouse gas emissions [1] . In order to reduce the automobile pollutant emissions, more and more stringent regulations have been enforced [2] . This has driven the manufacturers and researchers to develop new technologies to improve the engine performance. Ethanol fuel has become one of the most common biofuels for internal combustion (IC) engines as an enhancer and/or alternative to the fossil fuels [3] . Ethanol has stronger anti-knock ability due to its greater octane number, latent heat of vaporisation and auto-ignition temperature compared to gasoline as shown in Table 1 . New technologies have been in development to exploit the benefits of ethanol fuel to the IC engines applications.
Extensive research has been conducted to investigate the effect of blended ethanol and gasoline fuels on the conventional SI engines. Bielaczyc et al. [4] tested an SI engine under a wide range of ethanol-gasoline blended fuel ratios from 5% to 85%. Their results showed that blended ethanol and gasoline fuels had a significant effect on the engine performance and emissions. The combustion was improved by combustion speed increased by and the oxygen component of the ethanol fuel. The higher out-ignition temperature of ethanol combined with a great latent heat of vaporisation mitigated the engine knock. Ramadhas et al. [5] investigated the combustion and emissions characteristics of the ethanol-gasoline blends with 5% to 20% ethanol fuel, using a multipoint port fuel injection (MPFI) system on a small car engine. Compared to gasoline fuel, it was concluded that using the MPFI system to the ethanol-gasoline blended fuel could improve the combustion quality and reduce the exhaust gas emissions. Masum B. et al. reviewed the feasibility of burning ethanol fuel in SI engines [6] . Their results showed that the combustion efficiency was improved due to the ethanol's oxygen content and high laminar flame speed. Moreover, because of ethanol's greater octane number and latent heat of vaporisation, a higher compression ratio and more advanced level of turbocharged engines could be potentially achieved [7, 8] . Additionally, the cooling effect of the ethanol fuel could be further enhanced if it is injected directly into the cylinder [9] . This might reduce the combustion temperature and thus the indicated specific nitric oxide emission (ISNOx).
Dual fuel combustion has been investigated in recent years to exploit the potential applications of ethanol to spark ignition (SI) engines [10, 11, 12, 13, 14, 15] . Kasseris E. and Heywood J. [15, 16] developed a methodology to evaluate quantitatively the effect of ethanol's charge cooling and auto-ignition resistance on the engine knock limit when direct injection of blended gasoline and ethanol fuels were applied. Higher ethanol percentages were commonly used in Brazil and United States aiming to reduce the depletion of hydrocarbon fuel and improve the engine performance [17, 18] . The effect of E85 on the engine performance, combustion and emission characteristics was investigated [19, 20, 21, 22] . Ethanol direct injection plus gasoline port injection (EDI+GPI) has been in development in recent years [13] . Experimental investigation showed that the EDI+GPI strategy improved the engine thermal efficiency and reduced the ISNOx emission in a certain range of ratios of two fuels [13, 23] . However, the indicated specific hydrocarbon (ISHC) increased significantly. It was reported that port injection of ethanol fuel could improve the combustion quality and subsequently the engine thermal efficiency in a naturally aspirate SI engine [18, 24] . This improvement could be attributed to the greater combustion speed associated with oxygen component of ethanol. On the other hand, a significant reduction in the IMEP and thermal efficiency was reported at 100% ethanol direct injection [9] . This could be due to the high ethanol impingement and the over cooling effect of EDI. Moreover, the measured emissions like the indicated specific carbon monoxide (ISCO) and ISHC were increased due to the poor mixture quality. This could be associated with the slow evaporation speed of ethanol fuel at low ambient temperature [25] . However, the ISNOx emission decreased considerably due to the direct ethanol injection. Ethanol fuel has been widely used in Brazil (neat ethanol) and U.S. (E85) as an alternative fuel. To understand the dual fuel system applied to engines burning ethanol fuel only, experiments were conducted to investigate the engine performance with direct (DI) and port injection (PI) of ethanol fuel [26] . Their results showed that the dual ethanol injection strategy (DualEI) could significantly improve the combustion performance and reduce the emissions compared to gasoline only.
Engine spark timing is one of the important parameters to maximise the engine power and minimise the emissions [27] . Advancing the spark timing can hinder the moving piston due to the early combustion and results in the reduced network; retarding the spark timing can reduce the combustion pressure and temperature [28] . Therefore, the MBT timing needs to be determined to maximise the engine torque without knocking. The presented study reports an experimental investigation of the effect of the spark timing on the combustion and emissions characteristics to the SI engine equipped with a DualEI system. This includes the identification of the MBT timing and the trade-off between the engine power and the emissions. 
Experimental Setup and Methodology
Engine Test Rig Figure 1 shows the schematic diagram of the research engine. A modified Yamaha YBR250 motorcycle engine was used in the experiments. It is a single cylinder four-stroke air-cooled naturally aspirated spark ignition engine. The engine was originally equipped with a gasoline port injection system. Table 2 shows the specifications of the YBR250 engine. The original engine was modified by Hents Technology to meet the research needs. The engine modification included the installation of a direct fuel injection system and an electronic control unit (ECU) which was used to adjust the throttle position, the spark timing, the direct injection timing, the quantity of the injected fuel per cycle and the direct injection pressure. The direct fuel injection system comprised of a returnless high-pressure pump and a six-hole high-pressure injector [31] . The injector was side installed between the intake valve seat and the spark plug [13] . The slope angles of the injector are 15° from the horizontal surface of the cylinder head to the axis of the injector and 12° from the vertical surface of the cylinder head. Table 3 shows the major specifications of the direct fuel injector. More details about the nozzle plume bend angles and their distribution can be found in [32] . The injection pulse width was used to calibrate and measure the ethanol fuel flow rate. An eddy current dynamometer was used to set the required engine speed and measure the real-time engine torque. A Kistler 6115B spark plug cylinder pressure transducer and a Kistler 5011 charge amplifier were used to record the in-cylinder pressure. K-type thermocouples were used to measure the cylinder head temperature and exhaust gas temperature with a resolution of 0.1 °C and uncertainty of 0.35% [33] . An MEXA-584L Horiba exhaust gas analyser was used to measure the exhaust gas emissions of CO, CO2, HC, NO and lambda (λ). The H/C and O/C ratios were set to be 3.0 and 0.5 respectively as shown in Table 1 . The intake airflow was stabilised in an 80L intake buffer tank. The intake airflow rate was measured using a ToCeiL20N thermal air-mass flow meter. Table 3 . Specifications of the direct fuel injector [31, 33] 
Experimental Methodology
In the experiment, the engine was started and warmed up using GPI only until the cylinder head temperature became stable at around 200°C. After the engine temperature became stable, the gasoline port injection was switched to ethanol port injection, and the mixture was kept at the stoichiometric condition. Table 4 lists the engine operating conditions for the experiments. The volumetric ratio of the ethanol direct injection to ethanol port injection was changed from DI0% (PI only) to DI100% (direct injection only). At each DI ratio, the spark timing was changed from 15 to 42 CAD bTDC at light engine load and from 15 to 32 CAD bTDC at medium load. The spark timing of 15 CAD bTDC (ST15) was set as a baseline because it was the original spark timing before the engine was modified. The direct injection timing was 300 CAD bTDC and port injection 410 CAD bTDC, aimed to give sufficient time for fuel evaporation and mixing based on previous experimental investigation [13] . The throttle opening was 20% at light load and 33% at medium load. The equivalence ratio (λ) was kept at around the stoichiometric condition (λ=1), and the engine speed was around 3500 RPM. To keep the equivalence ratio consistent during the experiments, a Horiba exhaust gas analyser and Bosh Wide-band lambda sensor were used independently to verify the measured λ. Five samples of data were taken at each engine operation condition, and the average values were used in the calculations and analyses. The in-cylinder pressure data was recorded at 0.5 crank angle degree resolution with 100 consecutive cycles in each sample. The ensemble average of the cylinder pressure data was used in calculations of IMEP and the combustion analysing. Table 4 . Experimental operating conditions.
Results and Discussion
The experimental results will be presented and discussed as follows. The effect of spark timing on the IMEP and indicated thermal efficiency will be reported in the first subsection. The effect of spark timing on the combustion characteristics represented by P max , Ɵ Pmax , HRR and MBF50 at selected DI ratios will be reported in the second subsection. The third subsection will be focused on the effect of the spark timing on emissions at the light load. Figure 2 shows the effect of spark timing (ST) on the IMEP at different DI ratios. At all the DI ratios, IMEP increases with the ST advanced up to ST30. It then decreases with further advance of ST. As shown in Figure 2 -a, at DI100%, the IMEP increases from 0.404 MPa to 0.457 MPa when the spark timing is advanced from ST15 to ST30 at light load. Likewise, at DI100%, the IMEP increases from 0.625 MPa to 0.672 MPa when the spark timing is advanced from ST15 to ST23 at medium load, as shown in Figure 2 -b. Results shown in Figure 2 are consistent with that any internal combustion engines. The maximum IMEP was achieved when the spark timing leads to increased pressure in the compression stroke and consequently the bulk combustion completed near the TDC and more network produced. It is made by advancing the spark timing to the point at which the MBF50 occurs certain degrees aTDC [34] . Here MBF50 is defined as the crankshaft angle degree when 50% of the fuel is burnt. Based on the results in Figure 2 , ST30 is identified to be the MBT spark timing at the light load and ST23 the MBT spark timing at the medium load. It should be noted that, as shown in Figure 2 , IMEP is increased by both advancing spark timing and DualEI strategy. The IMEP increased with the increased DI% may be attributed to two main reasons. Firstly, the charge cooling effect due to ethanol's great latent heat of vaporisation associated with DI injection strategy might increase the fresh charge density hence allowing more air to be charged during the intake stroke [35] . Secondly, the oxygen content of ethanol fuel and the high combustion speed might help improve the combustion. Figure 3 shows that the indicated thermal efficiency increases with the advanced spark timing until ST30 at light load and ST23 at medium load. At light load and DI80%, the maximum increase of the indicated thermal efficiency is 10.68%, when the spark timing is advanced from ST15 to ST30 as shown in Figure 3 -a. Similarly, at medium load and DI70%, the maximum improvement of the indicated thermal efficiency is 5.42%, when the spark timing is advanced from ST15 to ST23 as shown in Figure 3 -b. Further advancing the spark timing results in a reduction of thermal efficiency at both engine loads. The results shown in Figure 3 may be explained with three main causes. Firstly, the position of the start of combustion plays an important role in the engine performance [27, 28] . A reduced combustion chamber volume at MBF50 leads to an increased combustion pressure and temperature. The increased cylinder temperature may increase the ethanol evaporation rate and thus improve the mixture and combustion quality. Secondly, further advancing to the spark timing from MBT timing decreases the thermal efficiency due to the early combustion. Moreover, the greater combustion temperature may promote the convective heat losses, which can partly explain the thermal efficiency reduction [36] . On the other hand, retarding the spark timing from MBT timing reduces the combustion pressure and temperature [7] . Consequently, the over cooling effect caused by DI may deteriorate the combustion performance, which can partially explain the reduction of engine thermal efficiency. Thirdly, an early combustion means a greater area of the cylinder wall that can lead to increase the heat loss through the cylinder wall. Furthermore, the air-fuel mixture has relatively less time to be homogeneously mixed before the combustion starts. This may result in a poor mixture and combustion quality. 
Effect of Spark Timing on the IMEP and Indicated Thermal Efficiency

Effect of Spark Timing on Combustion Characteristics
Combustion characteristics such as MBF50, maximum in-cylinder pressure (denoted as P max ) and its phase (denoted as Ɵ Pmax ), the major combustion duration (CA10-90%) and the heat release rate (HRR) may be examined to understand the experimental results. Figure 4 shows the effect of the spark timing on P max and Ɵ Pmax at a selected DI ratio. It is well known that the engine power can be maximised when the P max occurs within few degrees aTDC [27] . At DI56% and light load as shown in Figure 4 -a, the Ɵ Pmax moves by 12 degrees toward the TDC and the P max increases by about 1.7MPa with spark timing advanced from ST15 to ST42. As shown in Figure 4 -b, at DI50% and medium load, the Ɵ Pmax moves by 13.5 degrees toward TDC and the P max rises by about 1.874MPa with spark timing advanced from ST15 to ST23. These results are consistent with the results presented in Figure 2 and Figure 3 . The maximum IMEP and indicated thermal efficiency are recorded at ST30 while the Ɵ Pmax is located at about 10 CAD aTDC at the light load. At medium load, the maximum IMEP and the indicated thermal efficiency are recorded at ST23 while the Ɵ Pmax is located at around 12 CAD aTDC. Figure 5 shows the effect of the spark timing by comparing the cylinder pressure, HRR and MBF at ST15 and ST30 at light load and DI56%. All the results were calculated from the cylinder pressure recorded experimentally. As shown in Figure 5 , the P max rises significantly and the Ɵ Pmax advances toward TDC by about 5 CAD when the spark timing is advanced from ST15 to ST30. Correspondingly, the combustion performance, represented by the HRR and the MBF, improves considerably. At ST30, the peak HRR increases by about 4% and the major combustion duration (CA10-90%) is 41.8% less when the spark timing is advanced from ST15 to ST30, as shown in Figure 6 . Although the CA10-90% at ST32 is slightly shorter than that at ST30 as shown Figure 6 , the IMEP is maximum at ST30 which is the MBT timing [27] . The improved combustion performance can be attributed to the enhanced mixture quality and the reduced heat loss when the spark timing is advanced. Moreover, the relatively smaller combustion chamber volume where the MBF50 occurs can result in higher combustion pressure and temperature [37] . This may improve the combustion quality and increase the heat released rate and then reduce the combustion duration. However, greater combustion pressure and temperature may increase the engine heat loss from the combustion chamber walls caused by the high-temperature difference between the inside and outside the cylinder wall [38] . These results partly explain why the IMEP and thermal efficiency decrease with further advance of spark timing from the MBT spark timing as shown in Figure 2 and Figure  3 . The greater heat losses can be associated with negative work caused by the extreme advance to the spark timing. Figure 7 shows the effect of spark timing on MBF50 at different DI ratios at light load. As shown in Figure 7 , the MBF50 consistently advances toward TDC due to the combined effect of advancing spark timing and DualEI strategy. For instance, at DI56%, the MBF50 advances by 10 CAD when the spark timing is advanced from ST20 to ST30. On the other hand, the DualEI strategy also affects the phase of the combustion. Figure 7 also shows that MBF50 advances toward TDC with the increase of DI ratio at the same spark timing. At ST25, the MBF50 moves toward TDC by 3.0 CAD at DI35% compared with DI0%. However, further increase the DI ratio from DI35% leads to MBF50 retarding from the TDC. Figure 8 and Figure 9 show the effect of spark timing on the ISCO and ISHC emissions at different DI ratios and light load. The ISCO and ISHC emissions increase with advanced spark timing and increased DI ratio. They were the results of incomplete combustion which could be caused by the insufficient time for the ethanol fuel to evaporate and mix homogeneously with air when the spark timing is advanced. Fuel impingement due to direct injection could be another cause and would result in local regions over-cooling and over-rich [39] . However, this is not a problem when ethanol fuel is port injected. As shown in Figure 8 and Figure 9 , the ISCO and ISHC are significantly reduced when the DI ratio is reduced from DI35% to DI0%. When the DI ratio is reduced, more fuel can be well evaporated in the port before it is mixed with air. This should reduce the fuel impingement and improve the mixture quality and thus the combustion performance [9] . Figure 8 shows that the ISCO emission increases with the advanced spark timing at different DI ratios. However, the effect of spark timing on ISCO is not obvious at DI0% but becomes more and more significant when the DI ratio increases. At DI56%, the ISCO emission increases by up to 71.84% when the spark timing is advanced from ST15 to ST42. This apparently resulted of incomplete combustion caused by the reduced time for fuel evaporation, mixture formation and then combustion when the spark timing is advanced. Regarding the effect of DI ratio, in general, the ISCO increases with the increased DI ratio. As shown in Figure 8 , at ST30, the ISCO increases by up to 302.84% when the ratio of the DI increases from DI0% to DI100%. The causes may include the over cooling effect and the high fuel impingement enhanced by the increased DI ratio. Figure 9 shows that the ISHC emission increases by 109.64% at DI35% and by 134% at DI100% when the spark timing is advanced from ST15 to ST42. As reported in [25] , the high DI ratio and the slow vaporisation of the ethanol fuel at low temperature could result in an ethanol film formed on the combustion chamber walls which resulted in over cooling when the fuel was evaporated. The combination of the over cooling effect and the high fuel impingement can deteriorate the mixture quality and thus the combustion performance in the range of DI ratio of DI56%-DI100%. Figure 10 shows the effect of the spark timing on the ISNOx emission at different DI ratios. Fundamentally, the ISNOx is strongly related to the combustion temperature and mixture quality [6, 27] . As shown in Figure 10 , the ISNOx increases with advanced spark timing from ST15 to ST42 possibly due to the increase of the combustion pressure and temperature when the spark timing is advanced. These results are consistent with that presented in Figure 5 , the value of the combustion pressure and HRR increase with advanced spark timing leading to high combustion temperature and thus increased ISNOx. On the other hand, the ISNOx decreases with the increase of DI ratio. As shown in Figure 10 , at ST30, the ISNOx emission decreases by 37.53% when DI ratio increases from DI0% to DI56% and 67.39% when DI ratio increases from DI0% to DI100%. This is apparently attributed to the DI strategy and ethanol's great latent heat which reduce the combustion temperature [15] , and consequently the ISNOx. 
Effect of Spark Timing on Engine Emissions
Conclusions
Experiments were performed to investigate the effect of spark timing on the performance of a naturally aspirated SI engine equipped with a DualEI system. The fuel volumetric ratio of the direct injection to the port injection was varied from 0% to 100%. At each ratio, the spark timing was advanced from ST15 to ST42 at light load and from ST15 to ST32 at medium load. The effect of the spark timing on the IMEP, thermal efficiency and emissions were presented and discussed. Combustion characteristics were examined to understand the effect of spark timing. The results of this study are concluded as follows.
At light and medium loads, the IMEP and indicated thermal efficiency increased with the advanced spark timing. This effect on the indicated thermal efficiency was stronger at the light load than that at the medium load. MBT was identified in terms of the best IMEP and thermal efficiency. The MBT spark timing was 30 CAD bTDC at light load and 23 CAD bTDC at medium load. At the MBT timing, the IMEP and engine thermal efficiency increased with the increased DI ratio.
At the MBT spark timing, Ɵ Pmax was located at about 10 CAD aTDC at light load and about 12 CAD aTDC at medium load. The CA10-90% reduced when the DI ratio was increased when the spark timing was advanced from ST15 to ST30 at light load. Similarly, the MBF50 was advanced toward the TDC when the DI ratio was increased and the spark timing was advanced. However, further increase of the DI ratio from DI35% to DI100% increased the CA10-90% and retarded the MBF50 from TDC due to the fuel impingement and over cooling effect.
All the emissions were increased with advanced spark timing. However, the DualEI strategy had different effects on different emissions. The ISHC and ISCO were increased when the ratio of the DI was increased. This might be a result of incomplete combustion due to fuel impingement, mixture quality deterioration and over cooling effect [14] . ISNOx was reduced with the increased DI ratio because of the charge cooling effect enhanced by direct injection and consequently the reduced combustion temperature.
